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Abstract: Air conditioning is vital for indoor comfort but traditionally relies on vapor compres-
sion systems, which raise electricity demand and carbon emissions. This study presents a novel
thermo-mechanical vapor compression system that integrates an ejector with a conventional vapor
compression cycle, incorporating a thermally driven second-stage compressor powered by solar
energy. The goal is to reduce electricity consumption and enhance sustainability by leveraging
renewable energy. A MATLAB® model was developed to analyze the energy and exergy perfor-
mance using R1234yf refrigerant under steady-state conditions. This study compares four solar
collectors—evacuated flat plate (EFPC), evacuated tube (ETC), basic flat plate (FPC), and compound
parabolic (CPC) collectors—to identify the optimal configuration based on the collector area and
costs. The results show a 31% reduction in mechanical compressor energy use and up to a 44%
improvement in the coefficient of performance (COP) compared to conventional systems, with a
condenser temperature of 65 ◦C, a thermal compression ratio of 0.8, and a heat source temperature of
150 ◦C. The evacuated flat plate collectors performed best, requiring 2 m2/kW of cooling capacity
with a maximum exergy efficiency of 15% at 170 ◦C, while compound parabolic collectors offered the
lowest initial costs. Overall, the proposed system shows significant potential for reducing energy
costs and carbon emissions, particularly in hot climates.

Keywords: vapor compression cycle; ejector; constant-volume thermal compression; solar cooling;
solar collectors; evacuated flat plate collector; EFPC

1. Introduction

The increasing global demand for space cooling has become a significant concern,
driven by rapid urbanization, population growth, and the rising temperatures associated
with climate change. Since the 1990s, the demand for cooling in buildings has more than
tripled, leading to severe strain on electricity systems and contributing to the global increase
in CO2 emissions [1,2]. This growing demand not only raises overall power requirements
but also necessitates expanded generation and distribution capacities to manage peak loads,
further stressing power systems. In certain regions, such as the Middle East and parts of the
United States, cooling can account for over 70% of the peak residential electricity demand
on extremely hot summer days. Currently, air conditioners and ventilators for space cooling
account for approximately 20% of the global total electrical energy used in buildings [3].
The air conditioner market is dominated by traditional mechanical vapor compression
systems, which are highly effective at controlling indoor temperatures. However, they are
energy-intensive and contribute to environmental degradation by increasing greenhouse
gas emissions [4]. In response to these challenges, researchers have increasingly focused on
alternative cooling technologies, particularly those harnessing solar energy. Solar cooling
systems offer a promising solution to mitigate the reliance on fossil fuels and reduce
greenhouse gas emissions. These systems use solar energy either through photovoltaic
(PV) panels or solar thermal collectors to provide cooling in a more sustainable manner [5].
A study conducted by Bilgili [6] in Turkey demonstrated the effective use of a PV system
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with a panel area of 31.26 m2 to power a vapor compression refrigeration system, which
required a peak compressor power of 2.53 kW. Nevertheless, PV systems face the challenge
of low efficiency and high costs associated with battery storage [7]. Solar thermal cooling
technologies present another viable approach, with several systems showing significant
progress. These include absorption, adsorption, desiccant, and ejector cooling systems.

Absorption refrigeration systems use low-grade thermal energy to produce cooling.
They consist of four main components: the generator, condenser, evaporator, and ab-
sorber [8]. Two common refrigerant/absorbent pairs are used: water/lithium bromide
(H2O/LiBr) and ammonia/water (NH3/H2O). H2O/LiBr is preferred for cooling and air
conditioning in buildings, while NH3/H2O is suited for industrial applications [9]. The
COP of these systems varies with the type of technology and heat source temperature: a
single-effect cycle at 85 ◦C offers a COP of up to 0.7, while a double-effect cycle can achieve
a COP of 1.7 at 220 ◦C [10]. Studies have explored different solar thermal collectors for
driving absorption systems. For example, a single-stage NH3/H2O system designed for a
120 m2 residence used various collectors: flat plate (FPC), evacuated tube (ETC), compound
parabolic (CPC), and parabolic trough (PTC). The collector areas were 42 m2 (FPC), 17 m2

(ETC), 19 m2 (CPC), and 22 m2 (PTC), with 7.7 m3 of thermal storage across two tanks. The
system had a maximum cooling capacity of 10 kW, with ETC achieving the highest exergy
efficiency of 2.6% and a COP of 0.25 [11]. In another study, Al-Falahi et al. [12] examined
a single-effect LiBr/H2O absorption system powered by an ETC for air conditioning in
Baghdad’s hot and dry climate. The study found that using 35 m2 of ETC with a 2000 L
storage tank could achieve a 70% solar fraction, meeting a maximum cooling load of 25 kW.

The adsorption cooling cycle comprises two sorption chambers, an evaporator, and
a condenser. A common absorbent–adsorbate pair is silica gel/water, The system’s COP
ranges from 0.3 to 0.7, depending on the driving heat temperature, typically between 60 and
95 ◦C [13]. Alahmer et al. [14] modeled a solar-driven silica gel/water adsorption system
using a CPC in Perth, Australia. The system provided 9.2 kW of cooling, sufficient for
the space cooling of a residential building with a 100–120 m2 floor area, with a COP of
0.27. Sim [15] optimized an ETC-driven system in Doha, Qatar, finding that a 4.5 kW
system required 23.4 m2 of ETC and a 0.3 m3 water tank, cutting electricity use by 47%.
Fasfous et al. [16] showed that a 40 m2 FPC could supply sufficient heat for an 8 kW solar
air-conditioning system in Amman, Jordan.

Desiccant cooling systems could also play a prominent role in hot and humid climates,
as they can remove both latent and sensible heat from the supply air. These systems
consist of a dehumidifier and regenerator, which use desiccant materials to absorb and
control the humidity. Solid desiccants like silica gel are common due to their low costs
and effective performance at regeneration temperatures of between 50–80 ◦C, with a
COP of around unity [9]. Liquid desiccants such as lithium chloride (LiCl) offer lower
regeneration temperatures and improved efficiency. Angrisani et al. [17] tested a silica-gel-
based desiccant wheel with an 8.5 kW cooling capacity. The authors found that replacing a
natural gas boiler with a 16 m2 ETC for heating the desiccant wheel reduced the primary
energy use by 50.2% and CO2 emissions by 49.8%. Bouzenada et al. [18] evaluated a liquid
desiccant system in Kingston, Canada, using a 95 m2 ETC and an auxiliary boiler. Their
simulations for Tunis, Toronto, and Calcutta showed that while ETCs provided the best
performance, flat plate collectors (FPCs) needed an additional 15 m2 in Toronto and Tunis
and 30 m2 more in Calcutta to match the solar fraction of ETC arrays. The hybrid system
with 30% FPCs and 70% ETCs performed the best in Tunis.

Ejector cooling systems replace the compressor in traditional vapor compression cycles
with a simpler, thermally driven process. The system includes a generator, condenser,
evaporator, throttling valve, and ejector. The ejector is a static device that incorporates
converging–diverging nozzle, suction chamber, mixing, and diffuser sections. The primary
flow, pressurized refrigerant vapor discharged from the generator, accelerates and creates a
low-pressure suction zone that entrains the portion of the refrigerant that flows through
the evaporator (secondary flow). The mixed refrigerant then enters the diffuser, where the
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pressure is increased above the evaporator level. The combined flow is condensed and
pumped back to the generator [19]. Although the COP is only 0.2, the system is simple, with
no moving parts, and operates with heat sources above 80 ◦C. Vidal et al. [20] optimized an
ejector cooling system in Florianopolis, Brazil, using R141b refrigerant. The study, targeting
a 10.5 kW cooling capacity, found that the optimal setup required 80 m2 of FPC and a 4 m3

hot water storage tank, with solar energy covering 42% of the system’s total energy input.
Mechanical vapor compression technology is currently the preferred choice for meet-

ing the full range of cooling and refrigeration demands across many sectors of the industry.
The technology has benefitted from continuous advancements in compressor design, refrig-
erant selection, and system optimization, leading to improved cooling performance. One
such design improvement is the use of an ejector as a substitute for the throttling device,
which reduces irreversibility and increases the system’s COP by raising the compressor
suction pressure above the evaporator pressure, thereby enhancing cooling capacity. Chen
et al. [21] studied the performance of an integrated ejector–vapor compression refrigera-
tion cycle using an R290/R600a refrigerant mixture for a domestic refrigerator. The cycle
incorporated an internal heat exchanger and a phase separator to increase efficiency. The
results demonstrated improvements of 13.5% in COP, 19.3% in cooling capacity, and 13.4%
in exergy efficiency compared to a conventional vapor compression refrigerator. Elakhdar
et al. [22] analyzed an ejector-integrated double evaporator vapor compression refrigerator
using R290/R600a as an alternative to R134a. The ejector cycle improved the COP by 24%,
with a 60% propane mass fraction being more efficient under similar conditions. Direk
et al. [23] experimentally analyzed a dual evaporator ejector system with R134a. Their
study showed a 13.24% COP improvement over the basic cycle by adjusting the condensing
temperature and ejector entrainment ratio. Gullo et al. [24] conducted an experimental
study on a small-capacity transcritical R744 vapor compression refrigeration unit with an
innovative ejector under warm climate conditions. The pulse-width modulation ejector
effectively controlled the high pressure, enabling overfeeding evaporator conditions and
achieving energy savings of from 11.5% to 16.3% compared to the basic vapor compres-
sion cycle. Advancements in solar cooling technologies present new opportunities to
integrate renewable energy with traditional vapor compression systems despite higher
initial and installation costs, increased technological complexity, and greater maintenance
requirements [25–27]. Moreover, many regions of the world with high cooling loads in
buildings also benefit from abundant solar energy resources, which helps alleviate the issue
of intermittency and enables a portion of the cooling to be powered by solar energy [9].

This study explores an innovative approach to enhance the energy efficiency of vapor
compression systems by incorporating an ejector as a refrigerant expansion device and
integrating a thermally driven refrigerant compression process. The resulting cooling
system, referred to as the “thermo-mechanical vapor compression” (TMVC) system, has the
potential to reduce the mechanical compressor workload, increase the compressor suction
pressure, and minimize the irreversibility of the expansion process. The work presented in
this paper is supported by a thorough review of recent advancements in hybrid vapor com-
pression cooling technologies and a detailed description and explanation of the operation of
the proposed thermo-mechanical vapor compression (TMVC) system. The research method-
ology involves formulating a validated mathematical model and developing MATLAB®

code to analyze the corresponding thermodynamic cycle and identify the optimal operating
parameters of the cooling system. Moreover, the results from the computer modelling of
the thermodynamic cycle are discussed, highlighting various strategies for optimizing the
design and energy performance parameters of the proposed cooling system.

The structure of this paper is organized as follows: Section 2 presents a comprehensive
description of the hybrid cooling system. Section 3 details the research methodology
adopted for this study. In Section 4, the mathematical model underpinning the system is
introduced, followed by the simulation parameters outlined in Section 5. Section 6 focuses
on the verification of the developed model. Section 7 offers an in-depth discussion of the
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simulation results and their implications. Finally, Section 8 provides a comparative analysis
of the hybrid system against other solar cooling technologies.

2. Description of the Hybrid Cooling System

The hybrid solar thermo-mechanical vapor compression (TMVC) cooling system
consists of a conventional mechanical vapor compression combined with an ejector and
a thermal compressor. The thermal compressor is made of a solar thermal heat source
collector, a stratified hot water heat storage tank, a refrigerant store, a heat exchanger, and a
three-way valve. A schematic diagram depicting the mechanical arrangement of the main
components of the air conditioning system is shown in Figure 1.
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Figure 1. Schematic diagram of the TMVC system.

An illustration of the p-h thermodynamic cycle of the cooling system is presented in
Figure 2. This shows that, initially, the mechanical compressor at point (1) sucks in the
superheated refrigerant vapor that undergoes an isentropic compression process. At the
compressor discharge port (point 2), the refrigerant enters the refrigerant store (second-
stage thermal compression), where it is subjected to further pressure and temperature
increases through a constant-volume compression process. The temperature-controlled
three-way valve is positioned in the mechanical compressor refrigerant discharge line to
direct the refrigerant vapor flow through the refrigerant store or bypass it, depending on
the thermal properties of the refrigerant.

The high-pressure refrigerant enters the condenser at point 3, where its heat is rejected
to the environment, and the refrigerant flow leaves the condenser at point 4 and provides
the motive driving energy of the ejector (primary flow). The refrigerant then expands in
the ejector is entropically through a convergent–divergent nozzle and exits it at point (5).
A secondary flow is entrained into the suction chamber of the ejector (point 8, 9) and
mixes with the primary flow in the constant area of the ejector (point 10) before exiting the
ejector diffuser as a mixture of liquid and gas states at point 11. The refrigerant mixture
is separated into vapor and liquid states in the separator, where the vapor refrigerant is
directed to the mechanical compressor suction port (point 1) to repeat the cycle, and the
liquid refrigerant expands through an expansion valve and enters the evaporator (point 7)
to generate a cooling effect. It also worth noting that the addition of a thermally driven
constant-volume compression process increases the temperature of the vapor refrigerant
entering the condenser, which requires a larger condenser surface area.
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The second-stage vapor compression operates at constant volume using thermal
energy from a thermal solar collector. The heat generated by the solar collector is stored in
a thermally stratified storage tank to extend the operation duration of the air conditioning
systems during periods of insufficient solar radiation. The thermal energy from the stratified
thermal store is then used to heat the superheated vapor refrigerant in the refrigerant
pressure vessel through a heat exchanger.

Sustainability 2024, 16, 8625 5 of 23 
 

 
Figure 1. Schematic diagram of the TMVC system. 

 
Figure 2. TMVC system p-h thermodynamic cycle: 1–2 isentropic mechanical compression, 2–3 con-
stant-volume thermal compression, 3–4 constant-pressure heat rejection in the condenser, 4–5 isen-
tropic expansion through the ejector, 5–10 primary and secondary flow mixing, 10–11 refrigerant 
pressure recovery, 7–8 constant-pressure expansion in the evaporator. 

3. Research Method 
In this research, a steady-state computer simulation was employed to evaluate the 

energy performance of the cooling system and the effect of various design parameters. 
These include the condenser temperature, 𝑇ௗ, the refrigerant store heat transfer fluid 

Figure 2. TMVC system p-h thermodynamic cycle: 1–2 isentropic mechanical compression,
2–3 constant-volume thermal compression, 3–4 constant-pressure heat rejection in the condenser,
4–5 isentropic expansion through the ejector, 5–10 primary and secondary flow mixing, 10–11 refrig-
erant pressure recovery, 7–8 constant-pressure expansion in the evaporator.

3. Research Method

In this research, a steady-state computer simulation was employed to evaluate the
energy performance of the cooling system and the effect of various design parameters.
These include the condenser temperature, Tcond, the refrigerant store heat transfer fluid
inlet temperature (heat source temperature), Ts,1, and the pressure ratio of the refrigerant
store pressure to the mechanical compressor discharge pressure, P2/P3. In addition, four
types of solar collectors were analyzed for heat generation and storage.

In this analysis, the cooling load of a block of flats was selected as a case study, located
in the city of Baghdad, Iraq. The building consists of 10 floors, and each floor contains
five flats, with a total floor area of 950 m2. The estimated peak cooling load of 473 kW
occurs on July 17th at 3 pm. To determine the optimal solar collector tilt angle, Hassan
et al. [28] analyzed Iraq’s solar energy potential and found the ideal south-facing tilt angles
ranged from 0◦ to 64◦. The optimal angles increased during winter, peaking in January and
December, and decreased in summer, with the lowest value of 1.8◦ in July, aligning with
the case study building’s highest cooling load. The solar energy resources for the location
are listed in Table 1.
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Table 1. Solar energy resources and system parameters.

Parameters Value

Radiation on the tilted angle (It) 629 W/m2

Beam radiation component (Ib) 434.35 W/m2

Diffuse radiation component (Id) 208.34 W/m2

Ground reflected value (ρ) 0.2
Ambient temperature (Ta) 46 ◦C
Latitude angle Φ 33◦

Declination angle 21.18◦

Tilt angle 1.8
K(θ)EFPC(incident angle modifier (IAM)) 0.98
K(θ)CPC 1.006
K(θ)ETC 1.19
K(θ)FPC 0.98
Storage tank heat transfer coefficient 0.5 W.m−2. K−1

Number of storage tank nodes 10
Solar thermal system working fluid Water

4. Mathematical Model

The mathematical model considered the formulation of the governing correlations
of the cooling system’s thermodynamic cycle, the thermal energy storage, and the solar
collectors. These were then solved iteratively using the MATLAB® software (R2023b).
Additionally, it defined the evaluation indexes, encompassing energy, exergy, and finan-
cial aspects.

4.1. Solar Collector Field Performance

The instantaneous incident solar energy on the solar thermal collector depends on the
collector aperture area, Ac, and the solar irradiance, (It). This is expressed as:

Qs = Ac.It (1)

The incident solar energy on the collector is then transferred through a working fluid
into useful thermal energy gain, which can be determined as follows:

Qu =
.

mcol .Cp.(Tcol,o − Tcol,i) (2)

where
.

mcol is the mass flow rate of the heat transfer fluid, Cp is the specific heat capacity, and
Tcol,o and Tcol,i are the outlet and inlet temperatures of the heat transfer fluid, respectively.

The collector mass flow rate can be calculated according to Equation (3), where Sm is
the required mass flow rate, and when one unit of collector is assigned, Sm is assumed to
be (0.02 Kg. s−1.m−2), [29].

.
mcol = sm Ac (3)

The thermal performance of the solar collector is expressed by its efficiency, which
is given as the ratio of the net heat gain to the incident solar energy, as given by the
following equation:

ηcol,th =
Qu

Qs
=

.
mcol .Cp.(Tcol,o − Tcol,i)

Ac . It
(4)

The solar collector’s steady state is also expressed by its design parameters through
a performance curve of the normalized temperature difference (Tm − Ta)/It), which is a
quadratic model. This is then improved to consider the effect of the solar rays’ incidence
angle (θ) using the incident angle modifier (IAM), as presented by the following equation:

η(θ) = ηoptK(θ)− c1
Tm − Ta

It
− c2

(Tm − Ta)
2

It
(5)
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where ηopt represents the optical efficiency, K(θ) is an incidence angle modifier, c1 is
the global heat loss coefficient, c2 is the temperature dependence of the global heat loss
coefficient, It is the solar radiation on the titled surface, and ( Tm − Ta) is the difference
between the arithmetic average of inlet and outlet temperatures of the solar collector fluid

(T col,i + Tcol,o

)
/2 and the ambient temperature [29].

For a comparative analysis, four types of solar collectors were assessed. The specific
efficiency of each type, selected from the manufacturers’ data sheets as certified by European
Keymark, is given in Table 2.

Table 2. Efficiency formula coefficients of solar collectors (The Solar Keymark) [30].

Solar Collector Acronym ηopt c1 c2 Manufacturer

Basic flat plate collectors FPC 0.725 3.33 0.015 Solarbayer GmbH
Evacuated flat plate

collectors EFPC 0.737 0.504 0.006 TVP Solar SA

Evacuated tube collectors ETC 0.466 1.41 0.006 ONOSI
Compound parabolic

collectors CPC 0.556 0.45 0.007 CMG Solari SRL

4.2. Thermal Storage Tank

Thermal energy storage (TES) allows for accommodating for the variable nature of the
solar energy source with fluctuating energy demands [31]. The energy storage capacity of a
TES system is chiefly dependent on its volume, operating temperature, level of insulation,
and thermal inertia [32]. In this analysis, the heat transfer fluid in the thermal storage
was considered thermally stratified, and a multi-node computer simulation approach
was adopted. The thermal store volume is divided into (N) identical and well-mixed
isothermal horizontal layers of temperature, (Ts,i) [33]. In this simulation, it is essential to
state that the bottom node (i = N) temperature (Ts,N) is equal to (Tcol,i), while the water
temperature flowing to the load (refrigerant store) (TL,in) is equal to the thermal storage
fluid temperature of the top layer (1st layer), (Ts,1). Energy and mass conservation laws
were then applied systematically to each thermal layer as follows [34]:

The energy balance for the first node is given below:

Ms,1 . cp .
dTs,1

dt
=

.
mcol . Cp . (Tcol,o − Ts,1) +

.
mload . Cp . (Ts,2 − Ts,1)− Ul . As,1 . (Ts,1 − Ta) (6)

The energy balance for nodes two through nine is as follows:

Ms,i . cp .
dTs,i

dt
=

.
mcol . Cp . (Ts,i−1 − Ts,i) +

.
mload . Cp . (Ts,i+1 − Ts,i)− Ul . As,i . (Ts,i − Ta) (7)

The energy balance for the final node is as follows:

Ms,N . cp .
dTs,N

dt
=

.
mcol . Cp . (Ts,N−1 − Ts,N) +

.
mload . Cp . (TL,o − Ts,N)− Ul . As,N . (Ts,N − Ta) (8)

where Ms,i, is the mass of the heat transfer fluid of ith layer of the thermal storage
(ρ.Vtank/N),

.
mcol is the mass flow rate of the heat transfer fluid of the solar collector,

.
mload

is the mass flow rate of the load heat transfer fluid, and Ul and As,i are the overall heat
loss heat transfer coefficient and heat transfer surface area of the thermal storage layer. The
required hot water storage tank volume can be determined using the following equation:

Vtank = Sv.Ac (9)

where, Sv is assumed to be 0.033 m3/m2 for one solar collector unit [35].
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4.3. Refrigerant Vessel

The refrigerant store is a pressurized container that forms part of the cooling system
thermodynamic cycle. It houses the heat exchanger that supplies heat from the heat source
(thermal storage) to the constant-volume superheated refrigerant. The heat transfer duty of
the heat exchanger can be calculated as:

QLoad =
.

mcol Cp,l (TL,in − TL,o) (10)

where TL,in and TL,o are the heat exchanger fluid inlet and outlet temperature. To maintain
the superheated state of the refrigerant at the exit of the heat exchanger, a 5 ◦C temperature
difference is maintained between the heat exchanger fluid outlet temperature and the
refrigerant temperature (TL,o − T3 ≥ 5 ◦C) [36]. Similarly, the heat transfer rate to the
refrigerant is determined as follows:

QHS =
.

mcon(h3 − h2) (11)

In this study, the refrigerant store efficiency (η RS) is assumed to be (0.8), and the mass
flow rate of the heat source fluid

( .
mcol

)
is a function of the other design and operating

parameters of the system. This is expressed as:

.
mcol =

.
mcon(h3 − h2)

ηTS Cp,l (TL,in − TL,o)
(12)

4.4. TMVC System Mathematical Model Formulation

The thermodynamic mathematical model of the TMVC system was developed by
applying fundamental thermo-fluid principles to the conventional vapor compression cycle,
ejector, and heat transfer from the solar thermal system. In developing the model, the
following assumptions were made:

• The system operates under fully established steady-state conditions.
• Heat losses and pressure drops in the system’s components are negligible.
• The refrigerant at the suction line (point 1) and (point 8) is superheated, and in the

discharge line (point 4), it is supercooled.
• The refrigerant in the ejector is considered a one-dimensional homogeneous equilib-

rium flow and undergoes constant-pressure mixing at point (10).

The thermodynamic cycle of the basic mechanical vapor compression cycle is pre-
sented by the refrigerant state points 2′, 4, 7′, and 8 in Figure 2. The main governing
relationships of the basic cycle are given in Table 3.

Table 3. Basic vapor compression cycle design parameters [37].

Key Parameter Equation

Compressor work Wcomp,BVC = (h 2′ − h8) (13)
Cooling capacity Qev,BVC = (h 8 − h7′ ) (14)

Condenser heat rejection Qcon,BVC = (h 2′ − h4) (15)
COP COPBVC = Qev,BVC

Wcomp, BVC
=

h8−h7′
h2′−h8

(16)

The thermodynamic analysis of the TMVC system examines the refrigerant’s charac-
teristics at each refrigerant state point on the cycle, as described in Table 4. Initially, it is
assumed that the refrigerant exits the condenser at high pressure and temperature (point 4).
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Table 4. TMVC thermodynamic cycle refrigerant properties [38].

Thermodynamic State Refrigerant Property Relationship Equation

Condenser discharge
line (point 4)

Pressure
Enthalpy
Entropy

P4 = Pcon = P(Tcon, x4 = 0)
h4 = h(Pcon, Tsub )
S4 = s(Pcon, Tsub )

(17)
(18)
(19)

Ejector discharge
(point 5)

Pressure
Enthalpy (iso)
Entropy
Enthalpy (actual)
Refrigerant velocity

P5 = P9
h5,is = h(P5 , S5)
S4 = S5
h5 = h4 + ηmn(h5,is − h4)

Vmn =
√

2(h4 − h5)

(20)
(21)
(22)
(23)
(24)

Separator liquid line
(point 6) Enthalpy h6 = h(P11, x = 0) (25)

Evaporator inlet
(point 7) Enthalpy h7 = h6 (26)

Ejector suction line
(point 8)

Pressure
Enthalpy
Entropy

P8 = Pevp = P
(
Tevp, x = 1

)
h8 = h

(
Tevp, x = 1

)
S8 = s

(
Tevp, x = 1

) (27)
(28)
(29)

Ejector suction chamber
(point 9)

Entropy
Enthalpy (iso)
Enthalpy (actual)
Refrigerant velocity

S9 = S8
h9,is = h(P9 , S5)
h9 = h8 + ηsn(h9,is − h8)

Vsn =
√

2(h8 − h9)

(30)
(31)
(32)
(33)

Constant area of the
ejector (point 10)

Enthalpy
Entropy

h10 = r(h 5 +
V2

mn
2 )+(1 − r)(h 8 +

V2
sn
2 )−

0.5V2
mix

S10 = S(h10, P10)

(34)
(35)

Ejector diffuser exit
(point 11)

Pressure
Enthalpy
Enthalpy (iso)
Entropy
Vapor quality

P11 = P(S10 , h11,is)
h11 = h10 + 0.5V2

mix
h11,is = h10 + ηdi f f

(
0.5V2

mix
)

S10 = S11

x11 = x(p11, h11), x11 =
.

mcon.
mcon+

.
mev

(36)
(37)
(38)
(39)
(40)

Compressor suction
line (point 1) Enthalpy h1 = h

(
P11, Tsup

)
(41)

Compressor discharge
line (point 2) Enthalpy h2 = h1 +

(h2,is−h1)
ηis

h2,is = h(PInterm, S1 )

(42)
(43)

Thermal store vapor
line (point 3)

Specific volume
Enthalpy
Temperature

v3 = v2, v3 = v(Pcon, Ts)
h3 = h(Pcon, v3 )
T3 = T(PC , h3 )

(44)
(45)
(46)

At the mixing section of the ejector (point 10), the liquid- and vapor-phase refrigerant
streams coexist in a mixed state. The velocity of the resulting mixture can be determined
using the conservation of momentum equation as follows:

.
mconVmn +

.
mevVsn =

( .
mcon +

.
mev

)
Vmix (47)

Similarly, the mass flow rate ratio, r, which is expressed as the ratio of the primary
flow entering the ejector from the condenser liquid line to the total flow entering the ejector,
including the primary and the secondary flow entering the ejector suction chamber, is
given by:

r =
.

mcon
.

mcon +
.

mev
(48)

Therefore, the refrigerant flow mixture velocity in the ejector mixing area (point 10)
can be written as:

Vmix =
√

ηmix(rVmn + (1 − r)Vsn) (49)

An important characteristic of the ejector is the pressure lift created between the
suction line and the diffuser, which can be expressed as:

Pli f t =
P11

P8
(50)
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4.5. System Energy Performance Parameters

The energy balance at the evaporator and condenser can be expressed as follows:

Qev,TMVC =
.

mev(h8 − h7) (51)

Qcon,TMVC =
.

mcon(h3 − h4) (52)

The mechanical work required by the mechanical compressor to perform refrigerant
vapor compression in the first stage can be determined as:

Wcomp,TMVC =

.
mcon(h2,is − h1)

ηisηmech
(53)

where the compressor isentropic efficiency is expressed by (Brunin, 1997) [39]:

ηis = 0.874 − 0.0135
Pdisc
Psuc

(54)

The electrical coefficient of performance (COP) of the cycle is then determined as:

COPTMVC =
Qev,TMVC

Wcomp,TMVC
(55)

The effectiveness of TMVC compared to BVC in improving the system performance
can be determined by:

COPimp,mech =
COPTMVC − COPBVC

COPBVC
(56)

The percentage electricity saving by the TMVC system compared to the BVC can be
calculated as follows:

ES =
Wcomp, TMVC − Wcomp,BVC

Wcomp,BVC
(57)

4.6. Exergy Performance Analysis

Thermodynamic processes in cooling systems involve large amounts of heat exchange
with the environment at a finite temperature difference, which is one of the main energy
irreversibility that cause performance degradation. Exergy analysis is a robust tool in the
design, optimization, and performance evaluation of complex energy systems and is a
well-established technique that aims to determine the maximum performance of the system.
In this paper, exergy analysis was applied to the TMVC cooling cycle and associated
thermal store and heat exchangers. The thermal exergy associated with a quantity of heat,
Q, transferring into or out of a process at an absolute temperature, T, in an environment
having a dead-state temperature, To, can be expressed as follows.

E = Q.
(

1 − To

T

)
(58)

The exergy flow of the cooling load at the evaporator, given by Equation (59) [40],
considers the ambient temperature Ta as To, and Tr represents the indoor room temperature,
assumed to be 23 ◦C.

Eevp = Qevp.
(

1 − Ta

Tr

)
(59)

The exergy flow of the heat supplied by the solar thermal collectors is calculated by
Equation (60) [41]:
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EHS = QHS.
(

1 − Ta

T3

)
(60)

The useful exergy output from the solar thermal collector is given by Equation (61) [42]:

EQu = Qu −
.

mcol .Cp.To.ln
[

Tcol,o

Tcol,i

]
(61)

The exergy flow of solar energy is calculated on the basis that the Sun is a radiation
reservoir. According to Petela [43], this can be presented as Equation (62).

Es = Qs.

[
1 − 4

3
.
(

Ta

Tsun

)
+

1
3

.
(

Ta

Tsun

)4
]

(62)

where the apparent Sun temperature, Tsun, is taken as 4350 K, which is approximately 75%
of the Sun’s apparent black body temperature [44].

The exergy efficiency represents the ratio of the useful exergy output to the exergy
input. The exergy efficiency of the solar collector, cooling system (TMVC), and overall
system are given by Equations (63)–(65), respectively.

ηex,col =
EQu

Es
(63)

ηex,cs =
Eevp

Wcomp,TMVC + EHS
(64)

ηex,sys =
Eevp

Wcomp,TMVC + Es
(65)

5. Simulation Parameters

Table 5 summarizes the main parameters employed in analyzing the steady-state
operation conditions of the cooling system.

Table 5. TMVC system parameters.

List of Parameters Value

Pressure ratio (P2/Pc) 0.7–0.95
Heat transfer fluid supply temperature (Ts,1) 90 ◦C–170 ◦C
Condenser temperature 55 ◦C–65 ◦C
Superheated temperature 5 ◦C
Subcooled temperature 5 ◦C
Evaporator temperature 5 ◦C
Ambient temperature at 3:00 PM 46.38 ◦C
Refrigerant store efficiency 0.8
Compressor mechanical efficiency 0.8
Ejector suction nozzle pressure drop 20 Kpa
Motive nozzle efficiency (ηmn) 0.85
Suction nozzle efficiency (η sn) 0.85
Diffuser efficiency (η di f f

)
0.85

Cooling load 473 kW
Refrigerant working fluid R1234yf

The computer model of the thermodynamic cycle of the cooling system and associated
solar collector required area is outlined in the flowchart shown in Figure 3. The governing
mathematical relationships of the design of the system are included for clarity.
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The data for the four types of solar collectors (EFPC, CPC, ETC, and FPC) and the
storage tank costs used in the comparative cost analysis are presented in Table 6.

Table 6. Solar collector and storage tank unit cost.

Collector Type FPC CPC ETC EFPC Storage Tank

Cost (EUR/m2) 150 225 250 450 1000 (EUR/m3)
Reference [45] [45] [45] [46] [32]

The cost analysis scenarios for each design variant include the costs of the solar collec-
tors required for each type and the storage tank, while the costs of the other equipment are
assumed to be the same across all cases and were therefore excluded from the comparison.

The capital cost, CC, is therefore calculated as follows:

CC = KC.Ac + KV .V (66)

where KC is the cost of a solar collector per square meter, and KV is the cost of a storage
tank per cubic meter.

6. Model Verification

The accuracy of the computational model for both the basic mechanical vapor com-
pression cycle with and without the integrated second-stage thermal compression as-
sisted by solar energy was verified by comparing the results with those presented by
Bellos et al., 2017 [41]. Bellos et al. [41] studied a single-stage mechanical vapor compres-
sion system integrated with an evacuated-tube solar collector and a three-layer temperature-
stratified hot water storage tank. Their setup featured a refrigerant pressure vessel that was
heated by an immersed heat exchanger coil, transferring heat from the hot water fluid to the
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refrigerant in the vessel for constant-volume compression. The pressure vessel served as a
second-stage thermal compressor, facilitating thermal compression through an isochoric
process. The pressure in the vessel was controlled through a valve which opened when the
condenser pressure was reached and discharged the refrigerant to the condenser.

In this comparative analysis, five condenser and evaporator temperatures were se-
lected for the basic vapor compression cycle to compare the COP and exergy efficiency
ηex,cs of the cooling system. For the mechanical vapor compression cycle integrated with
solar thermal energy, the solar collector area per kW of cooling capacity was used as a key
metric for comparison between the present study and the reference above. The validation
of the model results, summarized in Table 7, showed a strong agreement and high accuracy
between the current computer model and the reference data.

Table 7. Computational model data verification.
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Tcon (◦C) 35 40 45 50 55
Tev (◦C) 5 −5 −10 −10 −15
ηex,cs [41] 0.3639 0.3033 0.2567 0.2172 0.1820
ηex,cs (Present study) 0.3652 0.3045 0.2576 0.2177 0.182
Deviation (%) 0.36 0.40 0.35 0.23 0.0
COP [41] 4.046 2.323 1.688 1.428 1.044
COP (Present study) 4.0612 2.3317 1.6936 1.4315 1.0437
Deviation (%) 0.38 0.37 0.33 0.25 −0.03

B
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C
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w
it

h
So

la
r

En
er

gy Tcon (◦C) 35 40 45 50 55
Tev (◦C) 5 5 5 5 5
Ac (m2/kW) [41] 1.177 1.278 1.394 1.532 1.704
Ac (m2/kW) (Present study) 1.187 1.267 1.414 1.5323 1.681
Deviation (%) 0.85 −0.86 1.43 0.02 −1.35

7. Results and Discussion

The impact of the condenser temperature (Tcond), pressure ratio (P2/P3), and the
inlet temperature of the refrigerant store (Ts,1) on the cooling system energy and exergy
performance is explained in detail in this section. Additionally, the critical surface area and
thermal performance of the different types of solar thermal collectors are examined.

7.1. Effect of Condenser Temperatures and Thermal Pressure Ratio

The effect of the pressure ratio (P2/P3) and condenser temperature on the TMVC
performance is shown in Figure 4. It can be seen that the COP of the cooling system was
highest at low pressure ratios. This can be explained by the effective use of available external
solar energy for the refrigerant thermal compression process, which, in turn, improved the
COP of the cycle. It can also be seen that the COP improvement decreased from 61.4% to
17.08% as the pressure ratio increased from 0.7 to 1.0 at a condenser temperature of 61 ◦C.
This indicates that at a higher pressure ratio, the compressor work was increased to satisfy
the required cooling load. Equally, increasing the condenser temperature from 55 to 65 ◦C
improved the COP, as this led to an increased ejector pressure lift ratio (p11/p8).

Furthermore, Figure 5 highlights that the mechanical work of the compressor de-
creased as the pressure ratio (P2/P3) decreased, which, in turn, was translated into in-
creased electricity consumption savings from 15% to 38% when the pressure ratio decreased
from 1.0 to 0.7.
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Figure 4. Effect of the thermal pressure ratio and condenser temperatures on TMVC COP and COP
improvement.
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Figure 5. Effect of the thermal pressure ratio and condenser temperatures on TMVC compressor
work and electricity saving.

Figure 6 illustrates the exergy performance of the TMVC system, showing that increas-
ing the pressure ratio increased the system’s exergy efficiency. Conversely, increasing the
condenser temperature led to a decrease in the system’s exergy efficiency, as part of the
refrigerant compression was achieved thermally by the heat supplied by the solar collector.
For example, a high exergy efficiency of 45% was achieved for a condenser temperature of
55 ◦C and a pressure ratio of 1.

The thermal compression of the refrigerant in the refrigerant vessel can only be
initiated when the heat transfer fluid from the thermal storage tank is above a threshold
temperature. The threshold temperature of the heat transfer fluid depends on the pressure
ratio, as shown in Figure 7. The threshold temperature decreased from 140 ◦C to 90 ◦C
as the pressure ratio increased from 0.7 to 095. The specific solar thermal collector area
required to supply the needed thermal energy also depends on the pressure ratio and the
type of collector. For example, at a pressure ratio of 0.8, the solar collector was required to
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supply heat at a minimum temperature of 110 ◦C, while the solar collector area was 3.8, 2.87,
2.27, and 1.7 m2 per kW of cooling capacity for FPC, ETC, CPC, and EFPC, respectively.
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Figure 6. Effect of the thermal pressure ratio and condenser temperatures on TMVC exergy efficiency.
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Figure 7. Solar collector threshold temperature and specific area.

7.2. Effect of the Refrigerant Store Heat Transfer Fluid Inlet Temperature on the Solar Collector
Efficiency and Exergy

Figure 8 illustrates the impact of the refrigerant store heat transfer fluid inlet temper-
ature (Ts,1) on the efficiency and exergy of the different types of solar collectors. As has
been commonly established, the efficiency of solar collectors decreases with increasing
heat transfer fluid inlet temperatures. The evacuated flat plate collector (EFPC) and the
compound parabolic collector (CPC) exhibited better efficiency trends compared to the flat
plate collector (FPC) and evacuated tube collector (ETC), particularly at high temperatures.
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Figure 8. Solar collector thermal efficiency and exergy efficiency.

However, the exergy efficiency of solar collectors is a better indicator in the selection
of the type of solar collector and a suitable heat transfer fluid inlet temperature. From
Figure 8, it can be inferred that the evacuated flat plate collector (EFPC) exhibited the
highest exergy efficiency of 15% at a heat transfer fluid inlet temperature of 170 ◦C. The
compound parabolic collector (CPC) achieved a maximum exergy efficiency of 10% at a
collector inlet temperature of around 150 ◦C. In contrast, the flat plate collector (FPC) and
the evacuated tube collector (ETC) reached their peak exergy efficiency at lower collector
inlet temperatures of around 110 ◦C and 120 ◦C, respectively. The selection of the optimum
heat transfer fluid inlet temperature of the refrigerant store is important to maximize the
daily amount of heat stored and to extend the number of operating hours of the cooling
system when direct solar energy is not available.

7.3. Effect of Thermal Pressure Ratio and the Refrigerant Store Heat Transfer Fluid Inlet
Temperature on the Specific Collector Area

The required solar thermal collector area is expressed as a ratio of the cooling load
for the evaluation of the cost effectiveness of the system. Figure 9 shows the effect of the
refrigerant store heat transfer fluid inlet temperature (Ts,1) on the solar collector specific
area for different pressure ratios. It is worth noting that a lower pressure ratio means a
higher utilization factor of the solar thermal energy and a reduced compressor mechanical
work. From Figure 9, it can be observed that at a low pressure ratio and heat transfer fluid
inlet temperature, a smaller specific solar collector area was required for all collector types.
For example, for pressure ratio of 0.8, the evacuated flat plate collector (EFPC) required the
smallest specific collector area, ranging from 2.0 m2 to 2.3 m2 per kW for cooling capacity
and with heat transfer inlet temperatures of from 150 ◦C to 170 ◦C. In comparison, the
compound parabolic collector (CPC) required a specific collector area ranging from 2.9 m2

to 3.6 m2, and the evacuated tube collector (ETC) required areas ranging from 4.9 m2 to
8.4 m2 under the same conditions. The flat plate collector (FPC), however, could only
support a maximum inlet temperature of 135 ◦C, resulting in a specific collector area of
10.5 m2. Beyond this temperature, the required area for the FPC became excessively large
and impractical.
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7.4. Effect of Thermal Pressure Ratio and the Refrigerant Store Heat Transfer Fluid Inlet
Temperature on the Overall System Exergy Efficiency

Figure 10 shows the exergy efficiency of the total system (TMVC and the solar thermal
system), which includes both the cooling and solar thermal systems. Each subfigure
corresponds to different inlet hot water temperatures, from Figure 10a to Figure 10f. The
exergy efficiency of the system decreased as the inlet temperature increased, primarily
due to increased thermal losses from the solar collector and storage tank. This explains
why the exergy efficiency of the total system was less than the product of the collector
and cooling system exergy efficiencies. Among all the operating conditions, the EFPC
consistently exhibited the lowest exergy destruction and highest exergy efficiency due to its
lower thermal losses compared to other collector types under study. Additionally, a high
pressure ratio led to an increase in the exergy efficiency of the system, reaching 24% at a
pressure ratio of 0.95 and an inlet temperature of 170 ◦C. However, a high pressure ratio
leads to lower utilization of solar energy, which is not preferred in this study. Therefore,
the exergy efficiency is not a suitable index for evaluating the TMVC system’s performance
because it showed a significant increase with high electricity utilization. Instead, other
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indexes, such as COP improvement, electricity savings, and specific collector area, should
be preferred for evaluating TMVC systems.
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7.5. Cost of Integration of Solar Collectors

A cost analysis of integrating the three types of solar collectors was carried out to
identify a cost-effective technology for operating the TMVC system. The main design
factors considered included the following:

• Solar collector thermal and exergy efficiency
• Operating temperature
• Solar collector area
• Capital and maintenance cost

Based on the previous results, it was determined that for a system with operating
parameters of a pressure ratio of 0.8 and a heat transfer fluid inlet temperature of 150 ◦C,
an EFPC with a specific area of 2 m2/kW can be selected. Alternatively, CPC and ETC
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solar collectors may also be considered, requiring specific areas of 3 m2/kW and 5 m2/kW,
respectively. The full details of the parameters of the analysis is given in Table 8.

Table 8. Optimum operation for every collector type.

Solar Thermal Collector Parameters at Optimum Ts,1

Collector Type EFPC CPC ETC FPC
|Ts,1|opt 170 150 120 110
|ηex,Col|max 14.8% 10% 7% 5.20%
ηth,col 48.4% 37.40% 34.20% 28.50%

Collector Operation Parameters
P2/P3 = 0.8, Ts,1 = 150 ◦C and Tcond = 61 ◦C

Ac (m2) 953.5 1387 2338 -
Vtank (m3) 31.78 46.26 77.93 -
.

mcol (kg/s) 19 27.75 46.76 -
.

mload (kg/s) 1.77 1.77 1.77 -
ηth,col 54% 37% 22% -
ηex,Col 14.5% 10% 6% -
Ac/Qe (m2/kW) 2.01 2.93 4.94 -

A comparative cost analysis of the solar collectors is shown in Figure 11. The CPC
collector system had the lowest initial cost at EUR 358K. However, the EFPC system offers
a more cost-competitive solution at EUR 460K, followed by the ETC system at EUR 662K.
The EFPC system has an additional advantage in that it offers a smaller footprint.
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8. Comparison of Solar Cooling Technology

Table 9 provides an overview of various solar cooling systems implemented in different
regions globally, highlighting the diversity of solar collectors employed and comparing
them with the proposed (TMVC) systems integrated with evacuated flat plate collectors
(EFPCs). The data clearly indicate that the TMVC system, when operated with an EFPC at
a thermal pressure ratio of 0.8 and a hot water inlet temperature (Ts,1) ranging from 110 ◦C
to 170 ◦C, exhibits a competitive specific collector area compared to other solar cooling
technologies. These findings underscore the sustainability and efficiency of the proposed
TMVC system in solar cooling applications.
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Table 9. Comparison of TMVC with some of the solar cooling systems installed around the world.

Cooling System Location Application Collector Type
Specific Collector
Area (m2/kW)

Reference

TMVC (Present Study) Baghdad, Iraq Residential Building EFPC 1.7–2.28 Present
Study

Absorption,
Double-Effect Delhi India Swiss Embassy CPC 3 [14]

Absorption,
Double-Effect Dammam, Saudi Arabia Demonstration EFPC 2.28 [47]

Absorption, Single-Effect Dead Sea, Jordan Hotel ETC 9.7 [47]
Absorption, Single-Effect Firenze, Italy Health Facility ETC 6.3 [47]

Absorption, Single-Effect Assiut, Egypt
University-
German/Egyptian
Demonstration

ETC 5.3 [48]

Absorption, Single-Effect Casablanca, Morocco Hospital FPC 8.3 [47]

Absorption, Single-Effect Jordan University Research
Experimental Project FPC 7.3 [48]

Adsorption Freiburg, Germany Kitchen FPC 4 [14]
Adsorption Perpignan, France Research Center Office FPC 3.33 [14]
Desiccant Abu Dhabi, UAE Residential Home FPC 2–3.33 [48]
Desiccant, Liquid Freiburg, Germany Solar Info Center FPC 1.68 [14]
Desiccant, Solid Gleisdorf, Austria Office Building FPC 8.6 [14]

9. Conclusions

This study presented a solar-assisted hybrid cooling system for air conditioning ap-
plications in buildings. The hybrid cooling system consists of two vapor compression
stages: a mechanically driven vapor isentropic compression process and a constant-volume
thermally driven process. Three solar thermal collectors and a thermal store were consid-
ered for thermal energy supply and storage. The main goal was to maximize the use of
solar energy to reduce the compressor mechanical work. Compared to the basic vapor
compression cycle, the proposed TMVC cooling system demonstrates a coefficient of perfor-
mance (COP) improvement of up to 44% and electricity savings of up to 31% at a condenser
temperature range of from 55 ◦C to 65◦ C. Furthermore, the analysis showed that there was
a close correlation between the solar collector specific area, the minimum thermal store
temperature, and the thermodynamic cycle refrigerant vapor pressure ratio. For example,
increasing the pressure ratio led to a decrease in the required collector specific area and
heat transfer fluid threshold temperature. This study also investigated four types of solar
thermal collectors, with EFPC emerging as the most suitable solution for minimizing the
required collector area per kW of the cooling system capacity, while the CPC collector
presented a more cost-effective alternative.
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Nomenclature

Variable Description/Unit

COP Coefficient of performance
h Refrigerant specific enthalpy (kJ/kg)
.

m Working fluid mass flow rate (kg/s)
P Pressure (kPa)
Qcon Condenser heat (W)
Qev Cooling capacity (W)
S Entropy (kJ/kg.K)
T Temperature (◦C)
V Velocity (m/s)
Wcomp Compressor work (W)
x Vapor quality
Symbols
η Efficiency
µ Entrainment ratio
v Specific volume (m3/kg)
Subscripts
BVC Basic vapor compression cycle
con Condenser
di f f Diffuser
disc Discharge
evp Evaporator
HS Heat source
interm Intermediate pressure
is Isentropic
mech Mechanical
mn Motive nozzle
s Storage tank
Sub Subcooled
Sup Superheated
sn Suction nozzle
ue Useful
Es Exergy
cs Cooling system
Col Collector
sys system
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